In this study, an investigation was made on a heavy duty diesel engine using both conventional diesel combustion mode and a partially premixed combustion (PPC) mode. A segment mesh was built up and modeled using the commercial CFD code AVL FIRE, where only the closed volume cycle, between IVC and EVO, was modeled. Both combustion modes were validated using experimental data, before a number of heat flux boundary conditions were applied. These conditions were used to evaluate the engine response in terms of engine performance and emission levels for the different percentage of heat rejection. The engine performance was measured in terms of specific fuel consumption and estimated power output, while the calculated net soot and accumulated NOx mass fractions were used for comparing the emission levels. The results showed improved efficiency for both combustion types, but only the PPC combustion mode managed that without increasing the production of NOx emissions severely.
INTRODUCTION
The process of converting chemically bound energy of the liquid fuel, in a diesel engine, to useful work includes a few sources for losses along the way. The major ones are combustion related losses, due to incomplete combustion, heat losses through walls and exhaust, gas exchange losses and friction losses [1] . It has commonly been stated that the energy from the fuel is divided equally into three main parts, energy converted into useful work, energy transferred to the coolant and energy transferred to the exhaust [2] . For this reason, it is of great importance to have control of the heat losses in the system when designing an internal combustion engine. Increased knowledge on temperature distribution and heat losses inside and around the engine cylinder is therefore important.
The heat transfer process in the entire engine cylinder has not been extensively studied, but some studies in the open literature contains some reviews of methods for heat transfer analysis [1, 3, 4] , some of which are not up to date for modern diesel engines. As pointed out in these reviews, the engine cylinder is in fact a series of interacting sub-systems, each with their own level of complexity for heat transfer analysis and all affect the overall performance of the engine. Due to the unsteady, transient behavior of the fluid motion inside the engine cylinder, the heat flux to the solid components of the cylinder may vary from 0 to as much as 10 MW/m 2 during the span of a few milliseconds. Furthermore, two points on the cylinder wall, separated only by one centimeter, may experience the same difference in heat flux [3, 4] . Additionally, heat transfer is important to physical phenomena in the cylinder, such as droplet evaporation, autoignition and flamewall interaction [5] .
Inside the engine cylinder there are a number of mechanisms that have proven to be quite demanding for a simulation process. Adding these processes together along with their interactions creates a problem that cannot be solved without tremendous computational resources. Therefore, researchers have traditionally made simplifications on their computational domain and flow descriptions in order to achieve any solution at all. According to the literature [3, 6, 7] there are numerous alternatives available for engine heat transfer simulations, depending on the level of complexity desired in the model. Borman & Nishiwaki [3] list five different alternatives, out of which global models and multidimensional (CFD) models are the most widely used today.
The global heat transfer models consist of empirical or semi-empirical correlations for the mean, crank angle dependent, convective heat transfer coefficient. In [3, 6, 8] the most common correlations are listed and discussed, but currently the most widely used heat transfer correlations are the ones derived by Annand [9] , Woschni [10] and Hohenberg [11] . Some researchers have provided alternative correlations during recent years, such as [12] [13] [14] . These kinds of correlations are frequently used in one-dimensional gas exchange codes as shown in [15] and the results from gas exchange code simulations are often used as boundary and initial conditions for CFD simulations, as in [16] , where the engine cylinder is resolved in a computational grid of three dimensions. An alternative option to using gas exchange codes to provide boundary conditions for CFD simulations, is to include the solid parts of the cylinder in the computational domain and solve for conjugate heat transfer, from the bulk gas to the cooling media, as exemplified in [17, 18] .
With increasing computational power, the field of three-dimensional engine simulations has seen vast improvements during recent years. Sub-models for all parts of the energy conversion process have been advancing and an extensive effort has been put into the development and application of improved turbulence [19] , spray, combustion [20] and emission models. Not many studies, however, have combined all of these sub-models and evaluated the energy flow through the solid components of the cylinder and thereby documenting how the heat transfer mechanism is built up in the engine cylinder.
As stated before, it is of interest to reduce the heat losses in the system, in the attempt to achieve higher mechanical work output. The reduction of heat losses through the walls will result in elevated flame temperatures and even elevated exhaust temperatures [21] . The raised temperatures might introduce increased local emission production in the cylinder, which is not desired due to strict emission regulations as well as efficiency penalties from exhaust gas after-treatment devices. One way to circumvent this problem is to incorporate some of the newly introduced Low Temperature Combustion (LTC) strategies. This category contains a range of combustion strategies, out of which the best known is undoubtedly HCCI, or Homogeneous Charge Compression Ignition, which dates back to 1979 [22] [23] [24] . Recently, a new concept within this category has emerged which is supposed to take care of the problems related to combustion control experienced in HCCI, thus extending the load range. This concept is called PPC, or Partially Premixed Combustion.
The PPC concept is described in detail by Manente [25] , but in short it is characterized by a fuel injection in the compression stroke in order to ensure some fuel-air mixing before the start of combustion. This injection strategy is combined with high levels of EGR in order to dilute the air-fuel mixture to ensure lean combustion. This strategy has shown to provide high efficiency and near zero emissions for a wide load range of a heavy duty diesel engine, due to reduced operating temperatures [26] .
Historically, some research has been done on low heat rejection (LHR) or even adiabatic engines, both numerically and experimentally, as the review by Jaichandar & Tamilporai [27] indicates. These have given quite diverged results, since the experimental research usually shows little or no efficiency gains with LHR engines, while the numerical research has given more positive response. The research by Taymaz [2] and Yasar [21] , as well as the work done by Kamo and Bryzik [28] , has shown that there are potential efficiency gains with the use of LHR engines. Tunér [29] also states that with the new LTC, the LHR engines might have become an attractive option. The aim of the work presented here was to compare the response of the two selected combustion modes to different heat rejection levels, by monitoring the performance and emission levels of each combustion mode and compare them. This was done by simulating only the closed volume cycle (from IVC to EVO), keeping the intake conditions fixed. The combustion modes used were a traditional diesel combustion and the newly developed partially premixed combustion mode. In the study, the same engine configuration was used to simulate both combustion modes, using the same diesel fuel. Both cases were validated using engine test bed data before being subjected to different heat flux boundary conditions, representing different levels of heat rejection. The engine response for the different heat rejection levels was compared for each case and emission levels were evaluated.
This study is a part of a ongoing research project, called D60, where simulations and experiments are combined in order to gain increased knowledge on the heat transfer process in diesel engines. The name, D60, stands for The 60% efficient diesel engine and is aimed to find ways to increase the efficiency of the diesel engine by lowering heat losses. For other publications related to the project, please refer to [8, [29] [30] [31] .
PROBLEM DEFINITION
The modeled engine is a 13 L six cylinder heavy-duty diesel engine, with the engine and injector specifications for a single cylinder given in Table 1 . In order to perform the heat transfer analysis on the engine, threedimensional computational fluid dynamic simulation (CFD) was applied. Therefore, a computational mesh, shown in Fig. 1 , was built up using the commercial CFD tool AVL ESEDiesel. The set of governing equations was solved using the commercial solver AVL FIRE [32] .
The computational domain consists of one section of the modeled engine cylinder, which was used for simulations between inlet valve closing (IVC) and exhaust valve opening (EVO). This means that only the closed volume part of the engine cycle is computed. To simplify the geometry, a periodic condition is assumed for each injector hole and therefore only 1/8 part of the cylinder is modeled, since the injector has 8 holes. This simplification will neglect possible interactions between spray paths and all information on heat transfer mechanisms in the gas exchange process are neglected. This computational mesh was used to examine the effects of different heat rejection levels on the engine performance of a heavy duty diesel engine.
The average cell size in the computational mesh ranged from 0.6 mm to 1.2 mm and there were two cell layers placed adjacent to the wall boundary of 0.1 mm thickness. The mesh was divided into 17 angular cells, resulting in mesh densities of around 113,000 cells at BDC and 66,000 cells at TDC.
STUDIED CASES
In this study two baseline cases were produced, one for each combustion strategy.
These cases were validated against available test bed data. The experimental data for the diesel combustion case was a production engine test from the engine produces. The load point used for the simulation process was a full load case (26.2 bar IMEPg). The data for the PPC case was taken from experiments on a single engine cylinder, performed by Manente et al. [26] . The load point chosen from that experiment was a 75% load case (20.8 bar IMEPg). The operating conditions for each case are listed in Table 2 , where SOI and EOI represent start of injection and end of injection, respectively.
APPLIED MODELS
Detailed in-cylinder engine modeling by CFD requires a series of interacting models to describe the physical phenomena occurring within the cycle.
First of all, the representation of the gas motion in the cylinder must have a relatively accurate portrayal for the solution to be realistic. For this a turbulence model is needed, of which there is a wide variety available, depending on the characteristics of the flow. Today, the most commonly used turbulence models for engine simulations are 2-equation RANS based models, more specifically some versions of the k − model. This model, along with other 2-equation eddy viscosity RANS models, tends to fail when predicting flow over curved surfaces, secondary [19, 32, 33] , the k− ζ − f model. This model has given good agreement to validation data for various cases that have proven to be difficult for eddy viscosity models [19] . The model was used along with a hybrid velocity wall treatment and standard wall functions for the wall heat transfer. It is worth pointing out that even though the k − ζ − f model can provide improved results over the k − model, it is still a RANS based model which will only provide time averaged velocity components. That means that information on instantaneous fluctuations will be lost.
The mixing of fuel and air as well as the combustion must be modeled correctly. There are a few combustion model options available and two different models were applied here. For the diesel combustion case the eddy break-up model was used [32] , since it has proven to give reasonable result for conventional diesel combustion. The mean reaction rate in PPC combustion is, unlike diesel combustion, not determined by the rate of dissipation of the turbulent eddies. Therefore the basis of the eddy break-up model fails for PPC combustion. This is not an issue when using the ECFM-3Z combustion model presented by Colin & Benkenida [20] , which was used for the PPC combustion in this work. Droplet evaporation was modeled by the Dukowicz model and droplet break-up by the Wave model [32] .
Emission production must also be evaluated and the models available in that section, as in other sections, are constantly being upgraded and improved. For this work NOx is evaluated by the extended Zeldovich model and soot is evaluated by the Frolov kinetic model [32] .
BOUNDARY CONDITIONS
In order to close the system of equations, a set of boundary conditions is needed. In this study, where only the closed volume is simulated, there is no intake and no exhaust. This means that only conditions at wall boundaries need to be given. There are three wall areas in the simulation, piston, cylinder head and liner. For the fluid flow a standard no-slip condition is applied at wall boundaries. For the baseline cases, a constant wall temperature condition was used for both combustion modes. These wall temperatures were provided from one-dimensional simulations.
The baseline cases provided an average, crank-angle dependent, heat flux to each wall boundary. This heat flux solution was scaled, for each boundary, to provide the desired conditions for the heat rejection. The heat flux levels used were the 100% heat flux (baseline case), as well as 75%, 50%, and 25% heat fluxes. Additionally, adiabatic conditions were also simulated, i.e., zero heat flux. It is worth mentioning that while the heat rejection is varied during this study the intake conditions, presented in Table 2 remain constant.
ENGINE PERFORMANCE EVALUATION
The engine performance is evaluated for all heat rejection levels by computing and comparing the indicated mean effective pressure (IMEP), the indicated efficiency (η i ) and the indicated specific fuel consumption (ISFC). The CFD computations only provide values for the closed part of the cycle, so there is not enough data available from the simulations to provide the traditional IMEP, η i and ISFC. The values computed for the purpose of comparison between heat rejection cases, have been obtained by using the symmetrical calculation duration (CD), cylinder pressure (p c ) and the displaced volume (V d ). The IMEP will then be calculated by Eq. (1)
The formulation of the indicated efficiency also includes the total fuel mass during each cycle (m f ) and the lower heating value of the fuel (H u ). This is shown in Eq. (2).
The ISFC is taken as the ratio of the indicated power (P i ) and the total fuel mass during the cycle, as shown in Eq. (3).
where the indicated power is given by Eq. (4)
In Eq. (4), n R is the number of crank revolutions for each power stroke per cylinder, which is 1 for twostroke engines and 2 for four-stroke engines.
RESULTS AND DISCUSSIONS
The results will be presented in two separate sections, one for each combustion mode. Each section will start by showing the validation of the baseline case, by viewing mean pressure traces and heat release for the segment cycle, before moving on to the heat rejection study.
DIESEL COMBUSTION
The diesel combustion case, as stated earlier, was a full load case with the gross indicated mean effective pressure (IMEP) of 26.2 bar. Fig. 2 shows the mean pressure trace for the simulated engine compared to the experimental data and as the figure shows, the CFD results provide an acceptable fit to the experimental results. Figure 3 shows the apparent heat release characteristics for both experimental values and values from CFD simulations, i.e., containing fuel evaporation and heat loss. The left hand figure shows the accumulated heat release as a function of crank angle degrees, whereas the right hand figure shows the heat release rate as a function of crank angle degrees.
The values for the accumulated heat release do not match perfectly between the experimental and simulation results. One possible reason for this might be the value of the constant wall temperature, which was acquired from one-dimensional simulation. The trends of the heat release rate are quite similar. However, even there the phasing in the diffusion part of the flame is not perfectly matched. This, again, might be traced back to the choice of values for the constant wall temperature boundary condition.
This validated case was used in the heat rejection study, as previously mentioned, to investigate the effects of heat rejection on engine performance and emission production. Firstly, the chemical heat release was examined as a function of crank angle degree for different heat rejection levels, as shown in Fig. 4 . This heat release is defined from the heat of formation calculated in each computational cell during combustion. There were no significant changes made to this heat release from combustion with increasing insulation. The results indicate that the combustion is not severely affected during this procedure. If the combustion were to be affected, one would see a difference in the phasing of the heat release rate (RoHR). This phasing difference is not visible here.
The performance of the engine, in terms of IMEP, indicated efficiency and indicated specific fuel consumption (ISFC), are shown as a function of heat flux percentage in Fig. 5 . There, 100% heat flux represents the validated case, while 0% presents an adiabatic case. As expected, and shown in previous research [27] , the indicated efficiency and power output of the engine is increased by introducing insulation effects on wall boundaries and specific fuel consumption is reduced. The question remains if this is at the cost of elevated peak temperatures and thereby increased emissions.
The mass fractions of NOx and soot are shown in Fig. 6 as a function of crank angle degrees for different heat rejection levels. Based on the figure, it seems that decreased heat rejection leads to increased temperatures and more NOx is produced. However, the amount of soot in the cylinder after combustion is relatively unaffected by the decreased heat rejection, even though the peak in soot production is higher for lower heat rejection.
The average temperature in the cylinder, as a function of crank angle, for different heat rejection levels is given in Fig. 7 . One can see that the average cylinder temperature is affected by the reduction of heat rejection. According to Fig. 4 , there is no change in the heat release, so the same amount of heat is generated by combustion while less heat is rejected. This will lead to a slight increase in the average cylinder temperature. The figure does not show temperature above 2000 K, which is often referred to as the the limit when thermal NOx begins to form, so it is likely that the NOx is formed due to some local temperature peaks.
The equivalence ratio, φ, and the cylinder gas temperature for the baseline case are shown at a mid-plane of the engine sector in Figs. 8 and 9 , respectively. As shown by Akihama et al. [34] , the production of NOx in diesel engines begins to occur at temperatures around 2000 K and equivalence ratios φ < 2. Soot, on the other hand, is formed at temperatures between 1500 K and 2400 K for φ > 2. This range of temperature and equivalence ratios only explain the formation of NOx and soot. Andersson et al. [35] stated that soot is oxidized at lower equivalence ratios, which introduces a trade-off between NOx and soot. The red color in the temperature field of the mid-plane section corresponds to temperature above 2200 K and the red color for the equivalence ratio corresponds to φ = 2 and above. This shows that the soot is formed around the spray path between 10 CAD ATDC and 20 CAD ATDC and oxidized at later crank angle degrees. NOx, which is formed at high temperatures and low equivalence ratios, is mainly formed after 20 CAD ATDC. Figures 10 and 11 show the equivalence ratio and temperature, respectively, for the 50% heat rejection case. It shows that while the equivalence ratio is relatively unchanged between the baseline case and the lower heat rejection, the temperature is slightly increased. This occurs mainly after 30 CAD and explains the increase in NOx emissions, shown in Fig. 6 . The soot level is relatively unaffected due to stronger oxidation behavior at higher temperatures. 
PPC COMBUSTION
Before examining the results from the PPC case, it is worth noting that not only was the load point different for the PPC case, compared to the diesel case, but the effective compression ratio was also reduced from 16.8 to 15.5, as shown in Table 2 .
As stated before, the PPC combustion case was a high load case (20.8 bar IMEPg) from the experiments of Manente et al. [26] . The mean pressure trace is shown in Fig. 12 and shows that the agreement between simulation and experiment is quite good. There is a slight difference in the phasing of the combustion, which can also be seen in the rate of heat release in [36] . It can be noted that the heat released in the PPC combustion is considerably less than the heat released in the diesel combustion, which is both due to the combustion mode and difference in amount of fuel used.
As for the diesel case, this validated case was used in the heat rejection study for the PPC engine. The heat release was examined as a function of heat rejection level, as shown in Fig. 14 , and it was found that no significant changes were made to the heat release shape with increasing insulation. This, again, implies that the combustion is not severely affected during this procedure.
The performance of the engine, in terms of IMEP, indicated efficiency and ISFC, is shown as a function of insulation effects in Fig. 15 . As for the diesel engine, the indicated efficiency and power output of the engine is increased by introducing insulation effects on wall boundaries and specific fuel consumption is reduced. Compared to the diesel engine, the indicated efficiency is higher for the PPC case, leading to lower values of the specific fuel consumption (ISFC).
The mass fractions of NOx and soot are shown in Fig. 16 as a function of crank angle degrees for different heat rejection levels. Again, it seems that decreased heat rejection leads to increased temperatures, however, the increase in NOx production is far less than in the diesel case. Unlike for the diesel engine, the soot level at the end of simulation is not unaffected by change in insulation, i.e., decreasing heat rejection results in more soot in the cylinder. However, it is apparent that the amount of emissions for the PPC combustion is considerably lower than in the diesel combustion, around three orders of magnitude lower.
The average temperature in the cylinder, as a function of crank angle and for different heat rejection levels, is given in Fig. 17 . It is clear that the PPC combustion results in lower average cylinder temperatures than in diesel combustion. This directly corresponds to reduced amounts of emissions, since neither soot nor NOx is formed at temperatures lower than around 1500 K. There are, however, zones with higher local temperatures and equivalence ratios in the cylinder that contribute to the amount of emissions actually generated.
The equivalence ratio, φ, and the cylinder gas temperature for the baseline case are shown at a mid-plane of the engine sector in Figs. 18 and 19 , respectively. The upper limit (red color) of the contour plots has the same value as for the diesel case, i.e., T = 2200 K and φ = 2. Figures 20 and 21 show the equivalence ratio and cylinder temperature for the 50% heat rejection case at the same mid-plane. In the figures it can be seen that the temperature does not reach a high enough value for NOx to form and the areas, where the equivalence ratio is high enough for soot to form, are almost all too cold for the soot production to start. This is in agreement with the emissions shown in Fig. 16 
CONCLUSIONS
A study of engine performance, along with an estimation of NOx and soot emission levels, was performed on a heavy duty diesel engine for two different combustion modes. A specific load point was used as a validation point for each combustion mode and experimental results were used for the validation process. Both baseline cases gave acceptable agreement with the experimental data, apart from the slight difference in heat release for the diesel combustion mode.
The validated cases were used in a heat rejection study, where the heat flux to the solid walls was adjusted and used as wall boundary conditions. For the simulated cases, the heat release did not seem to be affected by the change in heat rejection, indicating that the combustion itself was relatively unaffected.
Engine performance followed expected patterns for both combustion modes as a function of heat rejection, i.e., efficiency increased with reduced heat rejection as well as ISFC reduced and IMEP increased. Decreased heat rejection caused an increase in NOx emissions, especially in the diesel combustion case. Soot emissions did not increase in either case, because in the diesel case the high temperature provided suitable soot oxidation conditions. For the PPC case the local temperature in the cylinder was sufficiently low to avoid excessive soot formation.
The mass fractions of both soot and NOx proved to be around three orders of magnitude lower in the PPC mode compared to the diesel combustion mode. This is due to an appropriate combination of φ and T in the PPC combustion mode.
The result from this study show that the combination of low heat rejection and low temperature combustion is worth studying further in diesel engines. This is important for the task of increasing engine efficiency, while maintaining low emission levels.
